Mechanical

Open Access

C. M. C. G. Fernandes!, P. M. T. Marques?, R. C. Martins!, and J. H. O. Seabra?

LINEGI, Universidade do Porto, Campus FEUP, Rua Dr. Roberto Frias 400, 4200-465 Porto, Portugal
2FEUP, Universidade do Porto, Rua Dr. Roberto Frias s/n, 4200-465 Porto, Portugal

Correspondence to: C. M. C. G. Fernandes (cfernandes@inegi.up.pt)

Received: 29 October 2014 — Revised: 27 May 2015 — Accepted: 25 June 2015 — Published: 03 July 2015

In order to accurately predict the power loss generated by a meshing gear pair the gear loss factor must
be properly evaluated. Several gear loss factor formulations were compared, including the author’s approach.
A gear loss factor calculated considering the load distribution along the path of contact was implemented.
The importance of the gear loss factor in the power loss predictions was put in evidence comparing the predic-
tions with experimental results. It was concluded that the gear loss factor is a decisive factor to accurately predict
the power loss. Different formulations proposed in the literature were compared and it was shown that only few
were able to yield satisfactory correlations with experimental results. The method suggested by the authors was

the one that promoted the most accurate predictions.

According to Kragelsky et al. (1982) tribology is an im-
portant field in engineering which can contribute to develop
more reliable and efficient mechanisms like gearboxes.

According to Hohn et al. (2009) the power loss in a gear-
box consists of gear, bearing, seals and auxiliary losses. Gear
and bearing losses can be separated in no-load and load
losses. No-load losses occur with the rotation of mechani-
cal components, even without torque transmission. No-load
losses are mainly related to lubricant viscosity and density as
well as immersion depth of the components on a sump lu-
bricated gearbox, but it also depends on operating conditions
and internal design of the gearbox casing. Rolling bearing
no-load losses depend on type and size, arrangement, lubri-
cant viscosity and immersion depth.

Load dependent losses occur in the contact of the power
transmitting components. Load losses depended on the trans-
mitted torque, coefficient of friction and sliding velocity in
the contact areas of the components. Load dependent rolling
bearing losses also depend on type and size, rolling and slid-
ing conditions and lubricant type (SKF, November 2005).

At nominal loads the power loss generated in a gearbox is
mainly dependent of the gears load power losses, which puts
in evidence the importance of the evaluation of the gear loss
factor.

This work shows the influence of the gear loss factor for-
mulation (considering different gear geometries) in the pre-
diction of the power loss. The gear loss factor formulations
will be compared with experimental results previously pub-
lished by Fernandes et al. (2015).

Ohlendorf (1958) introduced an approach for prediction of
the load dependent losses on spur gears. The power loss gen-
erated between gear tooth contact can be calculated accord-
ing to Eq. (1),

Pyzp=PIN-Hy - imz. 1)

Hy is the gear loss factor.

Originally Eq. (1) was obtained assuming a constant co-
efficient of friction (w,,z). This was a simplification of the
problem.

Equation (1) can be used to calculate the average power
loss between gear teeth, given the correct gear loss factor
Hy . Despite considering Sy the Eq. (2) initially proposed by
Ohlendorf (1958) is mostly valid for spur gears (Wimmer,
2006).
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The classical formulas for gear loss factor (Egs. 3 and 4) con-
sider a rigid load distribution, and a constant coefficient of
friction, but tooth profile modifications are disregarded. In
depth details about these formulas can be found in the clas-
sical works of Niemann and Winter (1989) and Buckingham
(1949).

Niemann and Winter (1989) proposed the gear loss factor
that is shown in Eq. (3).
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Buckingham (1949) also introduced a Eq. (4) for the gear
loss factor of a meshing gear pair.
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The more recent approach of Velex and Ville (2009) in-
cludes the effects of profile modifications, keeps the constant
coefficient of friction assumption, but no a priori assumptions
about the load distribution are made.

Velex and Ville (2009) which did no a priori assumption on
tooth load distribution by using generalized displacements,
in order to calculate the efficiency of a meshing gear pair,
obtained a closed form solution for the efficiency of a mesh-
ing gear pair (constant coefficient of friction was assumed)
as presented in Eq. (6). It turns out that Eq. (4) suggested
by Buckingham is an approximation of the one suggested by
Velex and Ville (2009) when p <« 1.
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where A(w) is the loss factor described in Eq. (7).

2k§ —2ko +1
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1—pw- cos fBp

The load distribution (force per unit of length along the
path of contact) disregarding elastic effects can be calculated
dividing the total normal force F,, = r% by the total length of
the lines of contact along the path of contact.

The total length of the lines of contact along the path of
contact can be calculated with the algorithm presented in Ap-
pendix A. The load distribution per unit of length along the
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Gear Width (mm) 0 o

Path of Contact (mm)

Load distribution of a helical gear with an applied torque
of 320 Nm.

path of contact can then be calculated according to Eqg. (8).
An example of the load distribution in a helical gear is pre-
sented (Fig. 1).
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The gear loss factor can now be calculated according to
Eqg. (9) proposed by Wimmer (2006)
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To solve Egs. (8) and (9) the total length of contacting lines
should be known at each point along the path of contact. To
perform this task, an algorithm was developed and imple-
mented (Appendix A).

Several authors (Ohlendorf, 1958; Eiselt, 1966; Naruse et al.,
1986; Michaelis, 1987; Schlenk, 1994; Doleschel, 2002)
have introduced different formulas to calculate the average
coefficient of friction between gear teeth for different gear
geometries. Due to the complexity of the problem, these
equations are usually based in experimental results, and nat-
urally, the results yielded by these models vary for the same
operating conditions. In this work, instead of calculating the
coefficient of friction yielded by these formulations, a value
is calculated from the experimental procedure used in a pre-
vious work (Fernandes et al., 2013) and then compared to the
models.

Assuming that Py o, Py and Pyp are correctly calcu-
lated the power loss generated by the meshing gears can be
obtained according to Eq. (10). The rolling bearing, seals
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Gear loss factor comparisson with different formulas.

and load independent gear losses were discussed in previous
works of Fernandes et al. (2013, 2015).

Pexp _
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Considering the power loss generated by the gears in the
gearbox (Eq. 10) an average coefficient of friction (Mjfg) can
be calculated. It can be calculated according to different ap-

proaches:

1. From Ohlendof’s approach (Eq. 11).

poxp
exp — VZP' (11)
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Hi, is the gear loss factor which can assume various
forms, depending on the formulation that is used. Four
Hy were defined according to Eq. (2) HOM, Eq. (9)
H'™, Eq. 3 H)', Eq. 4 HB".

2. Considering the average power loss generated between
gear teeth along the path of contact according to Velex
and Ville (2009), ;5% can be obtained solving Eq. (12)

to find s p.

Pyzp=PiN- iy (L+u)-

cea - A ()

71 - COS Bp
12)

The coefficient of friction extracted from the gear mesh
power loss obtained with Eq. (10) will be dependent of the
formulation that is used to calculate the gear loss factor. In
order to decide which gear loss factor formulation is better
suited for the authors study, this factor was calculated for
seven different gear geometries, in which, spur, helical and
low loss gears are included (Table 1) (Fernandes et al., 2015).

The gear loss factor was also calculated based on the results
obtained with the commercial software KissSoft which ac-
counts for elastic effects.

Figure 2 shows the comparison between the different gear
geometries as a function of the ko (Eq. 5) parameter. There
are clearly two groups of results that diverge at a certain
point. A deviation is found in the solutions proposed by
Buckingham (1949), Niemann and Winter (1989) and Velex
and Ville (2009) because Eq. (5) is expected to yield values
between 0 and 0.5. which means that it is not suitable for
gears with profile shift.

The H501 and H951 geometries were previously tested
for power loss in an FZG test rig (Fernandes et al., 2015).
The results presented were collected for FZG load stages
with a lever arm of 0.35m, i.e. K5=105, K7=199 and
K9=2323Nm applied on wheel. Changing from H501 to
H951 resulted in a dramatic power loss reduction (Fig. 3),
which was attributed to the H951 gear geometry (everything
but the gear geometry was kept the same). These experimen-
tal results suggest that the gear loss factor of the H951 must
be lower than that of the H501. The trends shown by the gear
loss factors obtained with KissSoft, the author’s method and
Ohlendorf are in agreement with the experimental observa-
tions of Fernandes et al. (2015). The gear loss factors ob-
tained with Eq. (9) are close to those obtained with the ones
derived from the KissSoft computations. Aiming for simplic-
ity and fast computing the gear loss factor was calculated
using Eq. (9).

Following Fig. 2 it becomes clear that Buckingham, Velex
and Winter’s approaches are not suitable for all gear geome-
tries and can only be applied over a limited range of the kg
parameter.



Geometrical parameters of the gears.

Gears Parameters
z m a o B b Xz da €o €g Ra
(/1 [mm]  [mm] [°] [°] [mm] [/1 [(mm] [/ [/ [pm]
Pinion 16 +0.1817 82.64
C40 Gear 24 4.5 91.5 20 0 40 101715 11554 144 0 0.7
Pinion 20 +0.1381  80.37
H501 Gear 30 35 91.5 20 15 23 4101319 11657 145 054 03
Pinion 38 +1.6915 76.23
H951 Gear 57 1.75 91.5 20 15 23 42,0003 11173 0.93 1.08 0.3
Pinion 32 +0.3810 128.45
Transfer 1 Gear 23 35 1050 20 20 35 40.4150 95.17 132 109 04
Pinion 28 —0.2400 125.22
Transfer 2 Gear 17 4 95.0 20 20 335 40.0510 80.73 149 0.91 0.4
_ Pinion 17 +0.4965 160.74
m=38 Gear 69 8 355 20 9 124 10.3985 580.36 140 0.77 -
_ Pinion 19 +0.6500 222.65
m=10 Gear 77 10 500 20 9 175 108877 81463 132 0.87 -
8Cc40 #-H501 AH951 Gear loss factor calculated according to different ap-
50 proaches.
4.0
Hy C 40 H501 H951
3399 Ohlendorf 0.1959 0.1639  0.0739
0 | Author 0.1959 0.1873 0.0684
] KissSoft 0.2039 0.2011 0.0882
1.0 |
00 : e : : : : : : : :
K1‘K5‘K7‘K9‘K1‘K5‘K7‘K9‘K1‘KS‘K7‘K9 Sefenk Fyt /b 0.2 008 028
200 ‘ 400 1200 Iz =0.048 (71) ) T -RaT XL (13)
=C * PredC

Rotational speed [rpm]

Torque loss for different gear geometries lubricated with
a mineral wind turbine gear oil (Fernandes et al., 2015).

In order to validate the gear loss factor that was proposed,
Schlenk’s (Schlenk, 1994) coefficient of friction was used
(Eqg. 13). The lubricant parameter (X) was previously de-
termined with a spur gear geometry (C40) for different wind
turbine gear oil formulations (Fernandes et al., 2013). Alter-
natively, experimental results obtained with H501 and H951
gear geometries were presented in Fig. 3 (Fernandes et al.,
2015). The gear loss factors calculated according to different
approaches for the C40, H501 and H951 gear geometries are
presented in Table 2.

In Fig. 4 the absolute error of the power loss model pre-
diction using the KissSoft, Ohlendorf and Author gear loss
factors is presented. The results suggest that the gear loss fac-
tor presented by the authors in Eq. (9), considering the rigid
load distribution, present a much lower absolute error for the
prediction of a mineral wind turbine gear oil power loss for
with helical gears, previously published by Fernandes et al.
(2015).

Schlenk’s Equation should be valid for both helical and
spur gear geometries, also H\‘?h' is mostly valid for spur
gears. This means that using the lubricant parameter X ex-
tracted from experimental results with spur gears and apply-
ing it to helical gears resulted in excellent correlations be-
tween numerical and experimental data when using ™.
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Correlation between the experimental power loss mea-
sured and the predicted with Author, Ohlendorf or KissSoft gear
loss factors.

In this work several gear loss factors were compared. The
gear loss factor results were indirectly compared with exper-
imental gear power loss measurements in order to assess the
validity of each one of the formulations.

An alternative formulation based on the numerical integra-
tion of the rigid load distribution is suggested. The method
presented by the authors to solve the gear loss factor formula
proposed by Wimmer (2006) disregards the elastic effects
of the gears but proved to be reliable to predict the average
power loss of helical and spur gears as proven with experi-
mental results.

The results suggest that the classical formulas are accurate
only in very specific scenarios. The comparison with the ex-
perimental results indicates that the approach suggested by
the authors works quite well.

This study has shown the importance of a correct evalua-
tion of the gear loss factor in the prediction of the power loss
generated in meshing gears.



Before enter the contact zone of a gear, or the path of contact
which value is given by Eq. (Al), a teeth contact line has the
representation of Fig. Ala.

AE =€, - pht (A1)

When the contact starts, the length of the contacting line
increases proportionally to the coordinate of the path of con-
tact, represented by the first condition of Eq. (A2) (Fig. Ala
and b). The contact then continues to increase up to the sit-
uation of a full line of contact, that occur at the coordinate
x =¢€g- ppr =b-tan B, up to the end of contactat x = €, - pir
which is given by second condition of Eq. (A2) (Fig. Alc).
Then, the teeth start to go out from the contact and the line
length starts to decrease as shown in the third condition of
Eq. (A2) and Fig. Ald.

0<x<eg: pot
I(x) = cos Bp €4 Pt < X < €q - Pht (AZ)

b X—€q-
M_Tﬁl[:bt 6Df‘Pbt<)C<(€at+fl3)'}7bt

Equation (A2) previously presented is valid for the length of
a single line along the path of contact. The other teeth have
the same behaviour of the single line yet presented but at
the distance of a transverse pitch (pyt), which is the distance
between the teeth along the path of contact as represented in
Fig. Al.

The same equations deduced for a single line can be
used, but the coordinates should be transformed according
to Eq. (A3). The value i of the Eq. (A3) is calculated with
Eq. (A4) that represents the lines screened from the single
line with value i =0, from behind and behead in integer
steps.

x*(x)=x+i- p (A3)
i = —ceil (ea —i—eﬁ) :1:ceil (ea + 6/3) (A4)

Ceil is a function that rounds the value for the highest close
integer.

It is also possible to do a 3-D representation of the line
length as function of x and y. To do that, the y coordinate
representing the tooth width that changes from 0 up to b.
Since the tooth line of contact of a helical gear has a helix
angle the y coordinate is function of the x coordinate which
can be expressed with Eq. (A5).

Xy =X i+ ot ytan (By) (A5)

Applying the coordinate transformation of Eq. (A5) and the
formulas of Eq. (A2), the line length of each tooth screened
from the teeth i is presented in Eq. (A6).

AE

AE

(a) Before beginning of contact. (b) Increasing length of contact.

pbt x pbt
AE AE

(c) After full line contact. (d) Decreasing length of contact.

Evolution of a single line along the path of contact.

x*

S 0<x*<eg-pnt
_b_ . * .
I; (x’ }') — oS B €4 Pt < X" < €y - Phbt (A6)
b x*—eu-put
€os fBp sin By

€q - pot < X* < (€a +€g) - pht

The formulation presented is valid for gears with a contact
ratio e, > €g.

For the case that one complete line is not in contact, the
cycle of meshing is slightly different and the path of contact
is smaller than the transverse pitch. In such cases usually the
overlap contact ratio is €5 > €.

The equation is slightly different from that presented be-
fore because the domains change in a different way as pre-
sented in Eq. (A7).

x*

S 0<x* <€y pot
€a-pht
li (X, y) — sin By

€apot _ X —€p-pot

sin By sin By

€y Pbt <X* < €p- pht (A7)

€p - pot <x* < (e +€p) - pht

The total sum of lines can be easily done with Eqg. (A8). It
is important to note that the algorithm also calculate the line
contact length of spur gears using only the second row of
Eq. (A2).
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The algorithm previously presented is based on the identifi-
cation of different domains in the meshing cycle of helical
gears. However, the different domains can be combined us-
ing stepwise functions like Heaviside (Eq. A9) or hyperbolic
tangent (Eg. A10).

1
S ) (A9)
g:%(mmw.@—a»+n (A10)

The coordinate a is the point when the step is desired.

Using the hyperbolic tangent equation, the three domains
can be expressed in Eq. (All) for the beginning of con-
tact (a =0), Eq. (A12) for a complete line (a =€g - pnt) and
Eq. (A13) for a line going out from the contact (a = ¢, - pit).
The constant k changes the precision of the algorithm. For
the case it was considered k£ = 1000.

£ = % -(tanh(k - x) —tanh (k- (x — (€x +€5) - pot)))  (All)
£ = % (tanh (k- (x — €5 - o)) + 1) (A12)
3= (anh(k-(x— e - o) + 1) (A13)

For each single line the length along the path of contact is
given by Eq. (Al4).

1
l(x)=m'Sl-(x—Sz-(x—éﬂ'Pbt)

—&3-(x — € - pot)) (A14)
For spur gears the length for each line is given by Eq. (A15).
Ix)=b-& (A15)

For the lines screened from the one considered the length
is computed with Eq. (A3) previously explained which re-
sults in Eq. (A16).

Li(x,y)=1 (x(tc,y)) (A16)

The total sum of lines is then given by Eq. (A8).

Using such type of function or other stepwise function is
great to get a continuous function. However, the computa-
tional time can increase due to the expense of computing the
step function. The algorithm with step function works for all
the type of gear geometries and the transverse and overlap
contact ratios (e, and €g) do not need to follow any rule.

Notation and units.

a Centre distance, [mm)]

AE Path of contact, [mm]

b Face width, [mm)]

da Addendum diameter, [mm]

Hy Gear loss factor from, [—]

Fp Tooth normal force on transverse plane, [N]
Fpn Tooth normal force, [N]

Fn(x,y)  Normal force per length, [Nmm~1]

ko Gear geometry factor , [-]

1(x) Length of a single line of contact, [mm]

L(x,y) Sum of the lengths of the lines of contact, [mm]
m Module, [mm]

n Rotational speed, [rpm]

M; Torque in gear i, [Nm]

Db Base pitch, [mm]

Dbt Transverse base pitch, [mm]

PN Input power, [W]

Py Total power loss, [W]

Pyp Seals power loss, [W]

Pyp, Rolling bearing power loss, [W]

Py 7o Gears no-load loss, [W]

Pyzp Gears load loss, [W]

Tai Tip radius, [m]

Tbi Base radius of gear i, [mm]

Tpi Pitch radius of gear i, [mm]

Ra Average roughness, [pm]

u Gear ratio, [—]

Ve(x,y)  Sliding velocity, [ms™2]

Vb Base cylinder transverse tangential speed, [m s
Vs Sum velocity at pitch point, [ms™1]

Xz Profile shift coefficient, [-]

X Coordinate along the tooth path of contact, [mm)]
XL Lubricant parameter, [-]

y Coordinate along the tooth width, [mm]
Zi Number of teeth of gear i, [-]

o Pressure angle, [rad]

ot Transverse pressure angle, [rad]

B Helix angle, [rad]

Bo Base helix angle, [rad]

€1 Addendum contact ratio, [-]

€ Deddendum contact ratio, [-]

€a Transverse contact ratio, [-]

€g Overlap ratio, [-]

Au) Efficiency parameter, [-]

n Dynamic viscosity, [mPas—1]

UmZ Average coefficient of friction, [-]

0 Efficiency of a gear pair, [-]

PredC Equivalent contact radius at pitch point, [mm]
& Step function, [-]
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