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In pursuit of design solutions that reduce energy loss and improve wear resistance for the piston—
cylinder interface in an axial piston motor, a fluid-structure interaction numerical model and a new test rig of the
friction force of the piston—cylinder pair are developed to achieve the analysis and design of the micro-geometric
tapered-shape surface of a piston bore. The piston bore with the tapered-shape surface axial distribution length
ratio of 49.44 % of the overall length is found to be the relatively optimized one. Furthermore, how the shaft
speed, load pressure, and swash plate angle influence the performance of the two-type interface is analyzed.
Numerical analysis results show that, compared with the traditional cylindrical piston bore design, the piston—
cylinder interface with the optimized tapered-shape piston bore in the axial piston motor can achieve a significant
reduction in leakage flow and friction force, and the experimental results are consistent with the simulation

results.

As an essential actuator in hydraulics, an axial piston motor
whose energy losses and wear phenomena get more obvious
with the increase in load pressure and shaft speed is widely
used in industry and mobile machines (Li et al., 2019). The
piston—cylinder pair represents one of the most critical de-
sign elements of the axial piston motor to realize its func-
tion (Shang and Ivantysynova, 2018; Ye et al., 2019). Differ-
ently from other friction pairs in axial piston machines, the
piston—cylinder pair cannot be designed based on the princi-
ple of static and dynamic pressure balance due to its inherent
structural principle. Being a pure hydrodynamic bearing, the
piston—cylinder interface fulfills simultaneously bearing and
sealing functions under oscillating load conditions, which
causes the piston—cylinder pair to be subjected to a huge lat-
eral force and bending moment (Shang and Ivantysynova,
2019). For these reasons, a large number of studies aimed at
improving the wear resistance and antifriction performance
of the piston—cylinder pair have been carried out so far, such
as the surface shaping and texturing and the material coating
on the surface, which form the basis for the energy-saving
and longer-service life designs of the piston—cylinder pair.

Surface texturing is usually achieved by using the laser
surface texturing technique, which creates microscale surface
patterns with a certain distribution and size on the friction-
pair surface to improve the tribological properties of the con-
tact surface (Chen et al., 2019). Ivantysynova and Lasaar
(2004) found that machining the piston surface with mi-
croscale sinusoidal patterns can significantly reduce power
losses of the piston pair under all operating conditions. Jia
et al. (2021) studied the effects of different radii, depths,
and densities of micro-dimples on the performance of the
piston—cylinder pair and found that the friction force can be
reduced by 27.8 % under optimal parameters. Step multiple-
groove design and combine design were proposed by Ma et
al. (2019) to maximize lubrication and minimize the fric-
tion of the piston—cylinder pair by studying the effects of
grooves and dimples on the friction performance. Yin et al.
(2021) discovered that laser-textured surfaces can enhance
the friction performance of low-viscosity media by the re-
search friction-and-wear performance of a typical surface
texture on the plunger under diesel and methanol lubrication.
In addition, micro-texturing can trap debris and prevent se-
vere abrasive wear. Due to its high degree of freedom, surface



texturing can be tailored to different operating conditions and
applications of axial piston machines (Zhang et al., 2018).
However, not all textures are effective, and not all promising
textures work positively in all lubrication regimes. Moreover,
ensuring the durability of micro-textured surfaces is a chal-
lenging task. Surface coating is a process where a thin film
of one or more different materials is applied to the surface
of the piston—cylinder pair to strengthen the surface and im-
prove the load-carrying capacity of the piston—cylinder pair.
Murrenhoff and Scharf (2006) and Murrenhoff (2011) stud-
ied the application of the physical vapor deposition (PVD)
method using graded zirconium carbide coating on the pis-
ton, and the experimental results showed that coated pistons
of an axial piston machine reveal limited wear within the first
hours of operation and very low friction between piston and
bushing. Zhang et al. (2019) evaluate the wear of two differ-
ent materials (ceramic and 30Cr2MoVA) of friction pairs of
an ultra-high-pressure axial piston by means of experimental
investigations and found that ceramic materials perform bet-
ter in an ultra-high-pressure pump. Similar to surface textur-
ing, surface coating requires a separate machining step, and
as an additive process, the influence of the thicknesses of dif-
ferent coating materials needs to be considered in the design
stage. These limitations restrict the large-scale application of
these techniques in axial piston machines.

For the design of the piston—cylinder pair, surface shap-
ing is considered one of the most important and promis-
ing technologies for improving the wear resistance and an-
tifriction performance due to its effectiveness and the abil-
ity to implement it directly during the component-processing
stage. Yamaguchi and Tanioka (1976) for the first time pro-
posed a tapered piston shape to utilize an improved hydrody-
namic pressure built up with axial piston motion. Ivantysyn-
ova (1983) proposed a barrel-like piston with a large curva-
ture radius leading to a diameter reduction of 4 mm at both
piston ends. The idea of optimizing the piston shape to min-
imize energy dissipation within the piston—cylinder interface
was continued by Ivantysynova and Lasaar (2004), who pro-
posed a half-barrel-like piston. A new version of a fully cou-
pled fluid—structure interaction model of the piston—cylinder
interface was developed by Pelosi and Ivantysynova (2011),
which was used to conduct a simulation study for waved pis-
tons. Based on this newly developed fluid—structure interac-
tion model, the simulation study for the barrel piston, the new
flat piston, and the waved barrel piston proposed by Won-
dergem and Ivantysynova (2014) was conducted. The shaped
piston showed lower friction than and comparable leakage
to the cylindrical piston. Murrenhoff and Scharf (2006) pre-
sented several research works on shaping of the piston and
bushing together with piston and bushing coatings as well as
the first investigations into surface texturing. A design study
was conducted by Ernst and Ivantysynova (2017, 2018) to
investigate the effects of a surface shape that can be applied
to the cylinder bores of axial piston machines with the goal
of improving load support while keeping down leakage in

the critical piston—cylinder tribological interface of axial pis-
ton machines operating at high pressures with water as their
hydraulic fluid. For the purpose of mitigating the solid fric-
tion and wear resulting from the use of water as a hydraulic
medium, due to its low viscosity, Ernst et al. (2020, 2022)
developed the Tailored Profile Generator Algorithm (TPGA)
to create effective bore shapes by adapting the surface to
conform with that of the corresponding piston in a manner
conducive to hydrodynamic pressure buildup. A pressurized
groove around the bushing inside the cylinder block was pro-
posed by Sarode and Shang (2019) to improve the net en-
ergy dissipation from the piston—cylinder interface by 15 %—
25%. Lyu et al. (2020) and Zhang et al. (2021) conducted
a study on the wear prediction of the piston—cylinder pair
in axial piston pumps, and a machinable surface contour of
the cylinder bore was designed based on the wear contour at
the lowest wear rate. The experimental results show that the
pre-machined contour reduces the wear rate during the initial
operating stage.

All of these studies over the past decades have demon-
strated huge potential to achieve a major reduction in en-
ergy dissipation and improvement in load-carrying capac-
ity for the piston—cylinder interface by altering the geome-
try along with the configuration of the piston—cylinder inter-
face. Most related studies have chosen axial piston motors
as their research object due to the structural similarities of
axial piston machines. As a result of the differences in the
working principle between axial piston motors and axial pis-
ton pumps, however, research has found that the axial piston
motor’s oil distribution mechanism is different from the pis-
ton pump, and there are serious internal leakage losses be-
tween the high- and low-pressure oil cavities of the piston
motor (Xu et al., 2017). It is necessary to analyze and de-
sign the structure of the piston—cylinder interface suitable for
piston motors to meet the demands of energy saving, high
working efficiency, and a long service life of hydraulic com-
ponents brought about by industrial development. This paper
aims to investigate a micro-geometric tapered-shape design
of the piston bore for a piston—cylinder pair within axial pis-
ton motors. The tapered-shape piston bore is characterized in
that the diameter of the piston bore is continuously and grad-
ually reduced along the direction toward the housing, and the
shape is simple and easy to manufacture. The performance of
the piston—cylinder pair with the tapered-shape piston bore
was studied utilizing a developed fluid—structure interaction
numerical simulation model and a newly designed test rig of
the friction force of the piston—cylinder pair.

A schematic view of the external load acting on the piston—
slipper assembly at an angular position of ¢ relative to the



outer dead center (ODC) is shown in Fig. 1. The total load
forces Fi, and Fjy of the piston—slipper assembly in the x di-
rection and the y direction, respectively, are as follows:

Fiy = Fycosp — Fesing, (H
Fy = Fecosg + Fgssing + F, siny — Fy. 2)

With respect to the piston head ball center, the external
moments M), and M)y, respectively, acting on the piston—
slipper assembly can be deduced as follows:

M, = (Fecosg — Fg) Lec, 3)
My = L¢cFesing, @)

where F, represents the reaction force exerted on the slip-
per by the swash plate, Fy; denotes the friction force of the
slipper—swash plate pair, F. represents the centrifugal force
of the piston—slipper assembly, which acts at the center of
mass and always points outwards in the radial direction, and
L. denotes the distance between the center of mass of the
piston—slipper assembly and the ball center of the piston
head.

A coordinate system o1xyz with the z axis along the center
line of the piston chamber is established as shown in Fig. 2.
The piston generally exhibits an inclined posture in the piston
bore, with the tilt angle denoted by «,. The eccentricity is the
distance between the center points of the piston bore and the
piston, and it can be determined by taking two cross sections
of the piston cut from the two end-faces of the bushing. The
eccentricities are denoted as (e, e»), which is near the end of
the piston bottom, and (e3, e4), which is near the piston ball
(Zhang et al., 2020).

With the eccentricities (eq, e2) and (e3, e4), the local oil
film depth hp, at each point of the fluid domain of the piston—
cylinder interface can be derived:

l(e2 —eq)
hpzrc—rp— EQ—T

[ I,(e1 —e3)
B A 2

i| sin @pe
] COS @pc + Ahyp, (®)]

where It represents the initial gap length between piston and
bushing, and [/, represents the position of the oil film along
the axial direction of the piston chamber, i.e., the z-axis di-
rection depicted in Fig. 2. ¢p. denotes the angular position
of the oil film in the circumferential direction around the pis-
ton. Ak, denotes the contribution to the oil film depth due to

the surface deformation of the solid boundary at the friction
interface of the piston—cylinder pair. 7. and rp, respectively,
represent the inner radius of the piston bore and the outer
radius of the piston.

The curvature radius of the interface in contact with the
oil film is typically in the centimeter range, much larger than
the clearance between the piston and the cylinder, which is
only about a few tens of micrometers. The film shape of the
piston—cylinder pair can be unwrapped and viewed as a pe-
riodic profile with the angular position ¢p. compared with r¢
and rp (Ivantysynova and Lasaar, 2004). Figure 3 shows a
typical view of the piston—cylinder pair oil film depth on the
unwrapped Cartesian coordinate system o—xyz. In particu-
lar, the oil film depth in an unwrapped Cartesian coordinate
system presents the following coordinates:

X = @Ppc, y =1, Z=hp' (6)

In order to balance the time-changing external load exerted
on the piston—slipper assembly, the piston needs to contin-
uously self-adjust its eccentricity to generate sufficient hy-
drodynamic pressure buildup in the oil film for the purpose
of generating an appropriate load-carrying ability for the oil
film of the piston—cylinder pair. The change rate of the in-
clined position of the piston can be defined by the piston ec-
centricities’ temporal derivative vector [e1, €2, €3, é4]. The
balanced condition can be expressed as

f(é") = F(t)+ Fo(t,e,&) =0, 7)

where e = [e1, e2, €3,e4], € = [é1, €2, €3, 4], and Fi(t) rep-
resent the total external loads acting on the piston—slipper
assembly, and F,(z, e, e) represents the total support force
generated in the oil film of the piston—cylinder pair. When
a balanced condition is achieved, the proper squeeze motion
of the piston is determined; i.e., the vectors e and é are deter-
mined. According to Eq. (5), the corresponding oil film depth
and film shape can be calculated and obtained.

As shown in Fig. 3, the lubricating interface is defined in
the (x, y) plane, and z is the direction of the film depth typi-
cally on the order of a few microns. The Reynolds equation is
derived from the Navier-Stokes (N-S) and continuity equa-
tions. The N-S equation allows the fluid velocity in the lubri-
cating interface of the piston—cylinder pair to be expressed.
The N-S equation, expressed for a Newton fluid, states that

apV
7+V~pVV—V-(,uVV)=—Vp. (8)

The mathematical model expression of the oil film pressure
of the piston pairs can be derived as Eq. (9) (Zhang et al.,
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where  is the viscosity of the oil film of the piston—cylinder
pair, p is the pressure of the oil film of the piston—cylinder
pair, and wj, is the angular speed of the piston revolving on
its axis.

The first two terms on the right-hand side of Eq. (9) indi-
cate the hydrodynamic effect of the wedge-shaped oil film of
the piston—cylinder pair, and the third term represents the oil
film squeezing effect caused by the microscopic radial move-
ment of the piston. The pressure buildup in the oil film of the
piston—cylinder pair is the result of the interaction of the two
effects. The Reynolds equation is a partial differential equa-
tion with a diffusion term and a source term and cannot be an-
alytically solved. Compared with other methods such as the
finite-difference method and the boundary-element method,

Mech. Sci., 14, 259-275, 2023

Piston

the finite-volume method (FVM) is often used to solve com-
plex fluid problems such as an oil film due to its high accu-
racy, good numerical stability, and high computational effi-
ciency. Therefore, the FVM is used for numerical calculation
in this study (Xu et al., 2012).

The hydrodynamic effect and the squeezing effect occur-
ring in the oil film may cause the local extremely high pres-
sure peak, which can significantly affect the viscosity of a
fluid film. The pressure—viscosity effect is defined as

= poes?, (10)

where ¢ represents the viscosity—pressure coefficient and 1t

represents the viscosity of oil at 40 °C and 1 atm.

2.2.3 Fluid—structure interaction and the solution of the
surface elastic deformation

The high operating pressures and even higher pressure peaks
generated in the fluid film between the piston and cylinder-
lubricating interface exert significant loads on the piston and
cylinder boundary surfaces. The pressure load on the solid

https://doi.org/10.5194/ms-14-259-2023
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surfaces causes an elastic deformation of the structure, which
may reach the same order of magnitude as the film depth it-
self. The surface elastic deformation of the piston and cylin-
der and its interaction with the fluid film leads to an elasto-
hydrodynamic lubrication regime.

Both the piston and the bushing surfaces undergo struc-
tural deformation under the pressure field of the oil film.
However, due to the piston being made of steel and the bush-
ing being made of brass alloy, a soft material compared with
steel, the amount of structural deformation generated on the
bushing surface is much greater than that generated on the
piston surface. Therefore, the amount of structural deforma-
tion on the piston surface can be neglected, and only the
deformation of the bushing should be considered. Based on
the superimposition principle, the surface elastic deforma-
tion can be calculated by the deformation matrices method
described by the following equation:

N
Pi

Ah, = Z > DM;,
i—1 Pref

1)

where Ah,, is the array containing the elastic deformation
of each of the surface nodes of the piston—cylinder solid do-
main, prr is the reference pressure acting on each face of the
solid surface defining the fluid film boundary, p; is the ex-
ternal actual fluid pressure acting on each of the N faces of
the boundary surface, and DM; represents the ith face defor-
mation matrix, containing the elastic deformation of all the
surface nodes, when the ith face is loaded with a reference
pressure pyer. Figure 4 shows the deformation matrix DM;,
i.e., the deformation field corresponding to the ith face el-
ement loaded with a reference pressure of 10 MPa. Ax and
Ay, respectively, represent the angle interval and length in-
terval of fluid film pressure field nodes. After superimposing
and summing the deformation matrices DM;, the deforma-
tion distribution can be obtained as shown in Fig. 5.

With Eq. (15), the deformation due to pressure loading can
be recalculated directly and quickly at each of the Reynolds
equation iterative steps using the integrated finite-element
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Deformation matrix DM; for the ith face surface element.

method (FEM) code. The deformations are ultimately lo-
cally added to the fluid film depth according to the previ-
ous Eq. (5), directly affecting the lubricating film dynamic
pressure field buildup. In order to determine the deforma-
tion to modify the lubricating film depth field according to
Eq. (15), a set of deformation matrices is calculated offline
for the piston and cylinder boundary surface at the beginning
of the simulation, relying on the external mesh generation
and FEM analysis for the mechanical bodies of the piston and
the cylinder from computer-aided diagnosis (CAD) based on
the hexahedron or tetrahedron elements.
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Figure 6 shows schematically the comparison of the surface
profile shape of the traditional standard cylindrical-shape pis-
ton bore and the tapered-shape piston bore proposed in this
study. At the piston—cylinder interface of the piston—cylinder
pair, bushings are quite often used within the cylinder bores
for the purpose of separating the piston from the bulk mate-
rial of the cylinder. Since the pistons are almost always made
of steel, from a tribological standpoint, a bushed cylinder is
always used when the bulk material of the cylinder is steel as
well. In this case, the bushings are generally made of a high-
strength brass. In addition, the cylinders of many axial piston
machines are usually made of ductile iron. In this case, the
bushings can be eliminated. The steel pistons can run suc-
cessfully on the ductile iron surface due to the differences
in the mating materials and their associated hardness. The
tapered-shape surface in Fig. 6 is designed on the surface of
the bushing, and similarly, in the case of a ductile iron cylin-
der without bushing, the tapered shape is designed directly
on the cylinder bore surface.

The reciprocating motion of the piston within the piston
bore is divided into three phases so as to describe and model
the tapered-shape surface of the piston bore according to the
different positions of the piston relative to the piston bore as
depicted in Fig. 6b—d. Firstly, according to the representation
of the oil film fluid domain meshing diagram shown in the
previous Fig. 4, the axial length y; of the film depth field
node (i, j) from the boundary of the piston—cylinder contact
area on the piston chamber side can be expressed as

1.
yj= EJAY (12)

For position 1 depicted in Fig. 6b, position 2 depicted in
Fig. 6¢, and position 3 depicted in Fig. 6d, the inner radius r
of the corresponding piston bore at the film depth field node

(i, j) should be corrected by the following:

lbs—lf+yjh1
- 5 S

Fe =Tco — In (If < Ips), (13)
s
T'co (yj < (- lbs)) )
Fe = yj — (s —lps) 14
‘ Tco — %hls (yj > (lf_lbs)) :
s
Tco (yj <(- lbs)) )
Ve = —(In =1 S 15
¢ rco_Whls (yj > (lb_lbs))» (1>

where r¢o, lps, It, and hyg, respectively, are defined schemati-
cally in Fig. 6. Substituting Egs. (13)—(15), respectively, into
Eq. (5) of the film depth calculation equation according to
the corresponding piston position relative to the piston bore
ultimately contributes to the oil film depth modifications due
to the tapered-shape surface of the piston bore.

The energy dissipation of the piston—cylinder pair is mainly
composed of frictional losses and leakage losses (Fang and
Shirakashi, 1995). As shown in Fig. 2, the piston is in a tilted
position within the piston bore. There is a minimum value of
oil film thickness of the piston—cylinder pair, /g4, due to the
surface roughness. When the eccentricity of the piston within
the piston bore is too large, the lubrication state of the piston—
cylinder pair will transition from a fully lubricated state to a
mixed-lubrication state in the region where the oil film thick-
ness is less than A¢q. In mixed lubrication, part of the load is
supported by the oil film, while the other part is supported by
surface asperities in contact. The frictional force generated
by the rough peak contact of the asperities is much greater
than the frictional force generated by fluid viscosity. There-
fore, mixed-friction loss is the main form of frictional loss in
the piston—cylinder pair. The mixed-friction force Fgpm can
be expressed as follows:

Ffpm = TfmAm, (16)

where Ty represents the friction shear stress of the unit body
at the friction interface, which is related to the material, the
surface roughness, and the temperature distribution in the tri-
bological pair. Ay, represents the mixed-friction area depen-
dent on the root-mean-square deviation of the surface rough-
ness, i.e., the root-mean-square deviation Ry of the surface
roughness of the piston surface and the root-mean-square de-
viation Rgc of the surface roughness of the piston bore sur-
face, both of which are about 1.2—1.25 times the arithmetic
average deviations of R, and Ryc. In this study, R,p and Ry
are both equal to 0.2, which means that the mixed friction
occurred in a partial area with the depth of the oil film less
than 1 um.
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For a certain manufactured piston and cylinder, the ¢y, in
Eq. (16) almost remain constant under the same operating
conditions of temperature, pressure, and speed. Therefore, in
this case the mixed-friction force Fgpm can be reflected by the
mixed-friction area A, which indicates that the mixed fric-
tion occurs and that its magnitude is proportional to frictional
losses in the mixed-lubrication area of the piston—cylinder
pair. In addition, the mixed-friction area can be determined
by the critical oil film depth kg calculated by the following
Eq. (17). The film thickness ratio ¢, in Eq. (17) is the ratio
of the critical oil film depth to the comprehensive roughness
of the contact surface. It is used to determine the three lubri-
cation states of boundary lubrication, mixed lubrication, and
fluid lubrication. Furthermore, the case of ¢, <3 generally
can be considered the one when the mixed friction occurs,
corresponding to the lower film depth rather than the criti-
cal film depth. If the number of film thickness field nodes
lower than the critical film depth is assumed to be Ny,, which
could be counted by the calculated film depth, then the total
mixed-friction area Ay, could be calculated by

hea =,/ (R + R%) (6 =3) (17)
Nm ]
Amzj;ZAx Ay. (18)

From the fluid velocity distribution in the oil film, expressed
by Eq. (10), the viscous shear stresses on piston and cylinder

surfaces can be derived by considering the fluid to be New-
tonian. In particular, z = 0 is the cylinder surface and z = hj
is the piston surface. The total viscous friction forces Fpy
and Ffpy acting on the different surfaces were derived by in-
tegrating the viscous shear stresses 7y, and 1, respectively,
in the circumferential and axial directions over the piston and
cylinder surface areas and as follows:

(19)
)dA

where v, and vy, respectively, represent the velocity of the
local point of the oil film along the x-axis direction and the
y-axis direction, and v,,, represents the velocity determined
by the angular speed ), of the piston revolving on its axis and
the radius of the piston rp, i.e., Vpx = wprp (Pelosi, 2012).
The volumetric loss of leakage flow can also be derived
from the integration of the velocity distribution in the axial
direction over the efflux area. Due to the continuity ensured
by the Reynolds equation, this flow rate is constant over the
entire oil film length for each chosen cross section. The ex-
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The complete solution scheme can be described referring to
Fig. 7, which consists of three loops in this overall solution
scheme, i.e., the viscosity—pressure loop, the pressure—depth
loop, and the computing cycle loop.

During the simulation, the fluid viscosity and the surface
elastic deformation due to the dynamic pressure field are up-
dated at each iteration step. The pressure—deformation con-
vergence is obtained using an under-relaxation fixed-point
Picard iteration scheme, which adjusts the under-relaxation
coefficients proportionally to the pressure residual behavior.
Several revolutions of the machine are simulated, solving in
time at discrete intervals corresponding to a progressively in-
creasing shaft rotation and different load conditions as well
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as the terminal time of the computation set by the user. A typ-
ical time step for the simulation corresponds to Agp = 0.5°.

The relative ratio of the mixed-friction area is the mixed-
friction area that occurs in the piston—cylinder interface to
the current overall area of the interface. The decrease in the
relative ratio of the mixed-friction area of the piston—cylinder
pair is considered the most important performance parame-
ter for determining the optimized tapered-shape surface of
the piston bore. Simulations for a sequence of progressively
increasing axial distribution lengths of the tapered-shape sur-
face of the piston bore were conducted first. The simulation
results are given in Fig. 8 for a fixed height of hjg =7 um
and at the different swash plate angles of 7 and 16°, and the
relative ratio of the mixed-friction area reaches almost the
same minimum at the 49.44 % and 67.52 % axial distribution
length ratios of the tapered-shape surface of the piston bore.
From the standpoint of the manufacturability and maintain-
ing the essential seal length of the cylindrical-shape surface
of the piston bore, the tapered-shape surface axial distribu-
tion length ratio of 49.44 % is determined to be the optimized
one.

The energy dissipation in the piston—cylinder pair is mainly
composed of frictional losses and leakage losses. As men-
tioned earlier, mixed-friction force can be characterized by
the mixed-friction area, which can not only reflect mixed-



friction losses, but also the lubricating capacity of the oil
film through magnitude. Its size is proportional to frictional
losses in the mixed-lubrication area of the piston—cylinder
pair (Manring, 1999). A series of numerical simulations was
performed with respect to different operating parameters for
analyzing the performance of the piston—cylinder pair with
and without the optimized tapered-shape surface piston bore,
and the performance of the piston—cylinder pair was charac-
terized by the mixed-friction area and the leakage flow. Oper-
ating parameters include shaft working speed, load pressure,
and swash plate angle, which reflects displacement.

In order to quantitatively summarize the results of the
above comparative analysis, ¢, and ¢; are defined to rep-
resent the calculated value of the piston—cylinder pair with
the tapered-shape piston bore and the piston—cylinder pair
with the traditional cylindrical-shape piston bore, respec-
tively. The relative change rate d., is defined as in Eq. (21),
which can be used to represent the energy dissipation. When
the energy dissipation of the piston—cylinder pair with the
tapered-shape piston bore is smaller than that with the tradi-
tional cylindrical-shape piston bore under the same working
conditions, the relative change rate ., is negative. Figures 9
and 10 show the comparison of the mixed-friction area sim-
ulation results and the comparison of the leakage flow sim-
ulation results, respectively, over one shaft revolution under
the conditions of fixed displacement, fixed load pressure, and
changing shaft speed. More comparison results correspond-
ing to a wide range of operating conditions are shown in
Fig. 11, which gives a concise view of the influence that the
tapered-shape piston bore has on the mixed-friction area and
the leakage flow of the piston—cylinder pair.

Seg = @Cgi x 100 % 2D

Z

Figures 9 and 11 show that the piston—cylinder interface
with the tapered-shape piston bore has a smaller mixed-
friction area than the traditional piston—cylinder interface
in the high-pressure side-working stroke under most work-
ing conditions. This means that the piston—cylinder interface
with the tapered-shape piston bore has better lubricating and
bearing performance. The relative change rate of the mixed-
friction area between the tapered-shape piston bore and the
cylindrical piston bore is greatly affected by the working con-
ditions. Furthermore, the piston—cylinder interface with the
tapered-shape piston bore has the effect of dramatically re-
ducing the mixed-friction area under lower loads or higher
displacements, and the relative change rate is proportional to
the working speed. The highest relative change rate of the
mixed-friction area is up to 89.5 % under the working condi-
tion of the swash plate angle of 16°, load pressure of 15 MPa,
and speed of 2000 rpm, and there is no mixed-friction area in
the piston—cylinder interface under the working condition of
the swash plate angle of 5.31°, load pressure of 28 MPa, and

speed of 2000 rpm. The relative change rate of the mixed-
friction area is 0, as Fig. 11a shows.

Figures 10 and 11 show that the piston—cylinder inter-
face with the tapered-shape piston bore has a smaller leak-
age flow than the traditional piston—cylinder interface over
one shaft revolution under different working conditions. The
dynamic pressure effect of the oil film of the piston—cylinder
pair was strengthened by the tapered-shape structure, the dis-
tribution of the pressure field and the thickness field of the
oil film is more uniform, and the local pressure peak is re-
duced. The differential pressure leakage and shear flow leak-
age are reduced under the combined effect. The leakage flow
is less affected by the change in working conditions. More-
over, the maximum relative change rate of leakage flow is
41.7 % when the swash plate is 5.31°, as shown in Fig. 11.

To experimentally investigate the tribological behavior of the
piston—cylinder pair, the test facility shown in Figs. 12 and 13
was built to measure the friction within a single piston bore.
As shown in Fig. 12, the piston bore is imitated by using a
single cylinder with bushing pressed in place analogous to
the design of an actual cylinder block with bushing within a
real axial piston machine. The cylinder was mounted within
a nearly frictionless linear rotary bearing. The tested piston—
slipper assembly was placed within the piston bore of the
cylinder. Below the tested piston—slipper assembly, an addi-
tional auxiliary piston—slipper assembly was placed within
the piston bore of the pedestal connected to the housing. To
simplify the positioning of the force sensors, the swash plate
is rotating, analogous to an axial piston machine in wobble
design. Once the cylinder was placed within the linear ro-
tary bearing, two flange plates — the upper flange plate and
the lower flange plate — were attached to the outside mount-
ing groove of the linear rotary bearing to hold the bearing
within the mounting hole of the triaxial force sensor. There is
a tiny but large enough gap in the axial direction between the
flange plates and the outside mounting groove of the linear
rotary bearing, which avoids the transmission of the forces
from bearing to flange plates in the axial direction and guar-
antees the exact and accurate measurement of the side forces
exerted on the cylinder from the tested piston—slipper as-
sembly via the triaxial force sensor. Simultaneously, on the
right-hand side of the cylinder, two force-measuring plates
were attached to the mounting groove of the cylinder. Anal-
ogously, due to the existence of the tiny but large enough
gap in the axial direction between the two force-measuring
plates and the mounting groove of the cylinder, the relatively
small axial friction forces of the tested piston—cylinder pair
exerted on the cylinder are sufficiently decoupled from the
much larger side forces and transferred through the force-
measuring plates to the uniaxial force sensor, realizing the
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Partial enlargement drawing of the decoupling test
structure of the triaxial force arising in the tested piston—cylinder
pair. 1. Flange plate. 2. Pedestal. 3. Auxiliary piston—slipper as-
sembly. 4. Bushing. 5. Roll ball. 6. Swash plate. 7. Tested piston—
slipper assembly. 8. Linear rotary bearing. 9. Triaxial force sensor.
10. Cylinder. 11. Force-measuring upper plate. 12. Uniaxial force
sensor. 13. Inlet and outlet ports of oil. 14. Seat cover. 15. End cover.
16. Pressing plate. 17. Oil conduit. 18. Force-measuring lower plate.

exact and accurate measurement of the axial friction forces
via the uniaxial force sensor.

The triaxial force sensor and the uniaxial force sensor,
respectively, were fixed on the pedestal and the end cover,
which were both connected to the housing. Between the
cylinder and the end cover, an additional part was placed
which functions as an oil conduit passing through the cen-
ter opening of the uniaxial force sensor (Fig. 12). The oil
conduit was used to supply a constant fluid pressure within

Uniaxial force
Sensor

Standard force
sensor

Triaxial force
sensor

Force sensor calibration experiment: the left shows cal-
ibration using weights, and the right shows calibration using a stan-
dard force sensor.

the piston bore via the inlet and outlet ports of oil shown in
Fig. 12 and an external oil source system shown in Fig. 13.
The ball joint on the right-hand side of the oil conduit guar-
antees the self-adapting placement in the cylinder and the
housing, which is formed by the oil conduit and the press-
ing plate as well as the seat cover connected to the end cover.
The sealing between the oil conduit and the cylinder and be-
tween the pressing plate and the seat cover was achieved by
the surface contact, which is easier to handle. The oil con-
duit, except for negligible low viscous friction forces due to
leakage between the oil conduit and the cylinder, does not
transfer friction forces to the cylinder. In this way the uniax-
ial force sensor is only charged by the friction forces of the
tested piston—cylinder pair.

The uniaxial force sensor and the triaxial force sensor in-
stalled within the test rig are both customized, so the sensors
need to be calibrated before the test. The calibration device
for the force sensor is shown in Fig. 13. The sensors are cali-
brated using weights and standard force sensors, respectively.
The former method loads weights onto the force sensor and
checks whether the output of the tested sensor matches the
weights. The latter method stacks the force sensor to be cal-
ibrated with a standard force sensor on a hydraulic jack and
fixes the upper end of the stacked sensors before applying
loads to the force sensors through the jack. In addition to ver-
ifying the consistency of the output between the tested sensor
and the standard force sensor, it is also necessary to verify the
normalcy of the output curve of the tested sensor. The test re-
sults are shown in Fig. 14, and it can be seen from the figure
that the tested sensor has good linearity, high sensitivity, and
a small cross-effect.

Due to the friction of the piston—cylinder pair mainly
occurring on the high-pressure side of the piston travel,
based upon this consideration, the cylinder bore was al-
ways charged with high-pressure hydraulic oil via the inlet
and outlet ports connected to the external oil source system
through a four-way pipe fitting. A pressure transducer was
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installed on the four-way pipe fitting to measure the pres-
sure within the cylinder bore. Therefore, the tested piston is
able to work as a motoring piston, the piston bore suctions
the high-pressure oil and a pumping piston, and the piston
discharges the high-pressure oil. The piston chambers of the
tested piston—cylinder pair and the auxiliary piston—cylinder
pair were connected to an external pipe through the four-way
pipe fitting so as to utilize the piston travel in the opposite
direction to avoid the pressure shock (Fig. 15).

Two kinds of cylinders were investigated at the test facility
of the piston—cylinder pair. Both cylinders are made of brass,
with the cylinder bore analogous to the piston bore within
the brass bushing mounted into a steel or cast-iron cylinder
of a real axial piston machine, and the piston is made of steel.
One cylinder has an industrial cylindrical-shape piston bore
surface, the other one has the same macro-geometric sizes,
but a micro-geometric tapered-shape surface of the piston
bore has been realized with a high-performance CNC ma-
chine. Figure 16 illustrates the manufactured cylinder with
the tapered-shape piston bore, which consists of the cylin-
drical region and the tapered region, just like the numerical
optimization results of the tapered-shape surface in the pre-
vious statement. However, the lubricating gap between the
piston and the piston bore has been increased to simplify the
manufacturing process. The measurement positions and the
corresponding measurement results of the dimensional de-

Oil source system
* End cover|
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Triaxial force
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External pipe

Test facility of piston &
cylinder pair
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' Tested piston Force measuring
% slipper assembly  upper plate

Cylinder Flang; plate
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viation of the inner diameter of the piston bore for the two
kinds of investigated cylinders are shown in Fig. 16.

To simplify the comparison of measurements under differ-
ent pressure levels and to make the results more intuitive, it
is common to perform dimensionless normalization of the
experimental data. The total axial friction force Fr of the
piston—cylinder pair is based on the pressure force F}, act-
ing on the end of the piston, i.e., Ft/F,. This means that the
closer the value is to 0, the smaller the friction force is. The
friction values are shown as the following Figs. 17 and 18.
Figures 17 and 18 apparently show that, compared with
the traditional piston—cylinder pair with a cylindrical-shape
piston bore, the friction forces of the piston—cylinder pair
with the tapered-shape piston bore were dramatically re-
duced. The comparison of friction forces at different speeds
in Fig. 18 also shows that the friction forces of the piston—
cylinder pair decrease with the increase in the shaft working
speed of an axial piston motor. Furthermore, the variation of
the friction force is also smaller during the working cycle,

which means that there is less abrupt change in the friction
force. This is beneficial for prolonging the service life of the
piston—cylinder pair.

As one of the important components of the hydraulic sys-
tem, the axial piston motor also needs to adapt to the re-
quirements of modern industrial production, and the perfor-
mance improvement of the piston—cylinder pair, one of the
key friction pairs within piston machines, directly affects the
efficiency and service life of the axial piston motor. Insuf-
ficient research has been conducted on axial piston motors
due to the fact that related studies often focus on axial pis-
ton pumps as the research object, while axial piston motors
are widely used in the aerospace and construction machin-
ery fields as the energy conversion device. It is necessary to
analyze and design the structure of the piston—cylinder in-
terface suitable for piston motors to improve its working ef-
ficiency and service life. To investigate the influence of the
tapered piston bore surface on the performance of the piston—
cylinder pair, an elastic-hydrodynamic fluid—structure inter-
action simulation model was established. Firstly, the model
was used to calculate a series of tapered piston bore surfaces
with different axial distribution length ratios under different
displacement conditions. From Fig. 8, it can be seen that the
relative ratio of the mixed-friction area reaches almost the
same minimum at the 49.44 % and 67.52 % axial distribution
length ratios of the tapered-shape surface of the piston bore.
Considering manufacturing and sealing aspects, the value of
49.44 % is determined as the optimal value in this paper. In
addition, the mixed-friction area within a large range of axial
distribution length ratios between 0.45 and 0.7 is relatively
small and stable. This means that the effective range of the
antifriction effect of the tapered piston bore surface is wide
and less affected by working conditions. Therefore, the op-
timal value adopted in this paper has a high reference value
in practical engineering. Due to the structural similarities of
the axial piston motor, a larger effective range means that the
axial distribution length ratio can be adjusted appropriately
according to the needs of different structural-size axial piston
motors without greatly affecting the antifriction and leakage
reduction effect of the tapered piston bore surface. From the
simulation results, it can be seen that the mixed-friction area
increases with the increase in working pressure and displace-
ment and decreases with the increase in shaft working speed,
while the leakage losses increase with the increase in dis-
placement and shaft working speed. In addition, compared
with the traditional cylindrical piston bore, the tapered pis-
ton bore surface can effectively reduce the friction losses and
leakage losses of the piston—cylinder pair.

To verify the accuracy of the numerical model, a test rig
was developed to study the frictional characteristics of the
piston—cylinder pair. The platform was used to investigate
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Comparison of friction forces of the piston—cylinder pair under the conditions of pressure 15MPa and different speeds:

(a) 1000 rpm; (b) 1500 rpm; (c) 2000 rpm.

the variation of the frictional force of the piston when work-
ing in the piston bore with a different surface. The numerical
simulation results in Figs. 9 and 11a show that, with the in-
crease in working speed from 500 to 2000 rpm, the mixed-
friction area in the piston—cylinder interface gradually de-
creases, which agrees with the change law of measurement
friction forces with respect to the working speed in Fig. 18.
Compared with the lower speeds of 500 and 1000 rpm, on the
other hand, the numerical simulation results show that the
tapered-shape piston bore significantly reduces the mixed-
friction area through the overall piston travel. It can be seen
from Figs. 9, 17, and 18 that the mixed-friction area obtained
from the numerical simulation can exactly reflect the actual
variation law of friction forces within real piston—cylinder
pairs.

In this work, the influence of a tapered-shape micro-
geometric design of the piston bore surface profile on the per-
formance of the piston—cylinder pair in piston motors was in-
vestigated through a developed elastic-hydrodynamic fluid—
structure interaction simulation model and a new test facility
of the piston—cylinder pair.

The tapered-shape piston bore is characterized by the con-
tinuous and gradual diameter reduction in the piston bore to-
ward the housing in axial piston motors. Considering man-
ufacturability and maintaining the essential seal length of
the cylindrical-shape surface of the piston bore, the piston
bore with the tapered-shape surface axial distribution length

ratio of 49.44 % of the overall length of the piston bore is
first determined to be the relatively optimized one through
the simulation comparison. The mixed-friction area and the
leakage flow of both piston—cylinder interfaces are simulated
and analyzed under different working conditions: the results
showed that the tapered-shape piston bore outperforms the
cylindrical piston bore. The relative change rate of the mixed-
friction area between the tapered-shape piston bore and the
cylindrical piston bore is greatly affected by the working con-
ditions, and the highest relative change rate can reach up to
89.5 %, while the leakage flow is less affected by the change
in working conditions and the maximum relative change rate
of the leakage flow is 41.7 %. The test rig can accurately
measure the frictional force of the piston—cylinder pair when
working with different piston bore surfaces, which reflects
the frictional loss of the piston—cylinder pair. The experimen-
tal results show that the tapered piston bore surface can ef-
fectively reduce the frictional loss under different working
conditions, and the results are consistent with the simulation
results.

The comparison of numerical simulation results with mea-
surements of the piston friction force has demonstrated that
the piston—cylinder pair with the optimized tapered-shape
piston bore is found to be particularly suitable for a piston
motor, achieving a significant reduction in leakage flow, fric-
tion force, and energy dissipation. It provides guidance for
the design of energy-efficient and longer-service-life axial
piston motors.
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The total load forces of the piston—slipper
assembly in the x and y directions

The external moments acting on the piston
slipper assembly in the x and y directions
The reaction force exerted on the slipper
by the swash plate

The friction force of the slipper swash
plate pair

The centrifugal force of the piston—slipper
assembly

The distance between the center of mass
of the piston—slipper assembly and the ball
center of the piston head

The distance between the center points of
the piston bore and the piston by taking
two cross sections of the piston cut from
the two end-faces of the bushing

The local oil film depth

The initial gap length between the piston
and bushing

The angular position of the oil film in

the circumferential direction around

the piston

The contribution to the oil film depth due
to the surface deformation of the solid
boundary at the friction interface of

the piston—cylinder pair

The inner radius of the piston bore and
the outer radius of the piston

The viscosity of the oil film of

the piston—cylinder pair

The pressure of the oil film of

the piston—cylinder pair

The angular speed of the piston

revolving on its axis

The viscosity—pressure coefficient

The viscosity of oil at 40 °C and

1 atm

The array containing the elastic
deformation of each of the surface

nodes of the piston—cylinder solid domain
The reference pressure acting on each
face of the solid surface defining the

fluid film boundary

The external actual fluid pressure acting
on each of the N faces of

the boundary surface

The ith face deformation matrix
containing the elastic deformation

of all the surface nodes

The angle interval and the length interval
of the fluid film pressure field nodes

hed The minimum value of the oil film
thickness of the piston—cylinder pair

From The mixed-friction force

Tfpm The friction shear stress of the unit
body at the friction interface

Am The mixed-friction area

Rgps Rqc The root-mean-square deviation of

the surface roughness of the piston
surface and the piston bore surface

Rap, Rac The arithmetic average deviation of
the surface roughness of the piston
surface and the piston bore surface
& The film thickness ratio
Nm The number of film thickness field
nodes lower than the minimum film depth
Fypx, Fpy  The total viscous friction forces acting on
the different surfaces
Tpxs Tpy The viscous shear stresses in
the circumferential and axial directions
Uy, Uy The velocity of the local point of the oil

film along the x-axis and
y-axis directions
Opc The instantaneous leakage flow

Ce» &2 The calculated value of the piston—cylinder
pair with the tapered-shape piston bore and
the traditional cylindrical-shape piston bore

F¢ The total axial friction force of the
piston—cylinder pair

Fp The pressure force acting on the end

of the piston
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