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This paper discusses a systematic vehicle design process in which light weight is taken as the vehicle
design objective, and the designed frame is analyzed in detail. The load condition of a vehicle under different
circumstances is calculated according to the distances from the front and rear wheels to the centroid position.
The stress on the components in the condition is analyzed by finite element analysis, the steering geometry of
the vehicle is analyzed, and the vehicle’s turning angle and radius are designed. The displacement of the vehicle
under a load is calculated by rigidity analysis to determine the stability of the vehicle in motion. The experimental
modal analysis of the real frame and the finite element method are verified mutually for the electric vehicle body-
in-white (BIW) manufacturing process to determine the consistency of model formation and the real frame. In
terms of the circuit design, we used no-fuse switches and fuses to provide overcurrent protection for the main
power supply, and the chip is combined with an optically coupled circuit and current sensor, which is driven by
a restriction controller for protection. Moreover, a solid-state relay (SSR) is used for current protection and for

controlling the forward/reverse rotation of the motor.

At present, with the advancement of society, electric vehicles
have been popularized in various countries’ markets. With
the rise of recreational sports, various activities are held all
over the world. Electric vehicle races show lightweight ve-
hicle bodies with an adequate sense of speed, and the feel-
ing is fed back to the driver by the vehicle, which cannot
be achieved by most recreational sports. Therefore, building
a low-cost and simple light electric racing car is the design
objective for this vehicle.

In this vehicle design, the designed vehicle’s turning radius
is obtained by steering geometry analysis (Afkar et al., 2012)
and is judged by whether the design could pass every curve in
the racing field smoothly (Pourasad et al., 2016). The loads
on the front and rear axles of the vehicle in constant speed
motion, acceleration, braking, and cornering are calculated
by front and rear axle load analysis. The stress on the axle
parts is analyzed by finite element analysis, according to the

calculation result, to ensure that the part would not suffer
from plastic deformation under the loading condition. The
rigidity of the frame before and after being equipped with
stiffeners is analyzed to check whether the reinforcement de-
sign could enhance the rigidity effectively. Finally, modal
analysis is performed for the frame, and the modal frequency
and vibration mode shape are verified mutually by experi-
mental modal analysis to guarantee the model verification.

The power and safety switches of the electric vehicle are
designed based on a power requirement evaluation, and the
steering geometry is designed and analyzed so that the elec-
tric vehicle can pass every curve in the racing fields smoothly.
The loads on the front and rear axles of the vehicle in con-
stant speed motion, acceleration, braking, and cornering are
calculated using front and rear axle load analysis, and the
stress on the axle part is analyzed by finite element analysis
to ensure that the part would not suffer from plastic deforma-
tion under different loading conditions. The rigidity of the
frame before and after being equipped with stiffeners is ana-



Specifications of hub motor.

Motor type Brushless direct current (BLDC) electric motor
Rated voltage 48V

Rated power 1000 w

Rated torque  30Nm

Max speed 600 rpm

lyzed to check whether the design could enhance the rigidity
effectively (Marzbanrad et al., 2015). Finally, modal analy-
sis is performed on the frame, and the modal frequency and
vibration mode shape are verified mutually by experimental
modal analysis to guarantee the model verification. The pro-
cess of analysis is shown in Fig. 1.

The style of the light electric vehicle is that it is designed
with two front wheels and one rear wheel. In order to improve
high transmission efficiency and high torque, a hub motor is
installed on the rear wheel to directly drive the vehicle with-
out a gear-reduction mechanism. The hub motor is an outer
rotor brushless direct current (DC) motor, and its basic spec-
ifications are shown in Table 1.

Figure 2 shows the electrical frame of the power system,
mainly including the battery, inverter, hub motor, etc. This
study uses a high energy density lithium battery as the energy
source of the electric vehicle, and its specifications are shown
in Table 2. The motor inverter uses a commercially available
driver and directly determines the output power of hub motor
through the accelerator pedal (ACCP).

In order to meet the electrical safety requirements of an
electric vehicle, it is necessary to establish a complete man-
agement strategy for battery safety issues. Therefore, real-
time diagnosis of high and low voltage protection, short cir-
cuit faults, etc. is necessary to make accurate judgments and
automatically take effective protective measures before or
when power system faults occur to effectively protect the
lives and property safety of drivers. In the design of the emer-
gent protection measures, the main switch is set as a no-fuse
switch (NFS) to control the power supply of the automotive
electrical system. There are emergency switches (EMSs) in-
stalled on the steering wheel and on the back of the seat so
that the driver or people outside the car can cut off the power
in an emergency. In terms of overload protection function,
the vehicle control unit (VCU) is responsible for monitoring
the battery voltage and current value. If an abnormal situa-
tion occurs, it will transmit the control signal to the optically
coupled circuit and then drive the solid-state relay (SSR) to
cut off the motor’s three-phase power wires (labeled as a U-
V=W phase sequence).

Specifications of the lithium battery pack.

Battery type Lithium-ion battery

Cell used Panasonic NCR18650PF
Configuration 13 series; 7 parallel
Rated capacity 18.9 Ah

Nominal voltage 48.1V

Max discharge current 20 A

The parameters associated with the weight of the designed

car.
Object Weight
(kgw)

Driver 70
Frame 54
Electric control system, including motor weight 36
Battery pack 20.87

In the initial design stage, there are two main parts that affect
the weight estimation. The first part is the design goal. This
vehicle design is aimed drivers participating in leisure activi-
ties, so performance will be more important, but, at the same
time, safety will be too; any part of the design that touches
the target must be compromised, including weight. One of
the design goals is to reduce part of the mass for better ac-
celeration performance of the motor. The second goal is the
system design priority. In the process of making the finished
product, we cannot ensure that all components can be pro-
duced independently. To achieve a balance between produc-
tion cost and time, the control of the maximum weight is the
autonomy of the fulfillable goal of the production parts, and
components that compromise on production cost and time
will be provided by reliable suppliers. Since the components
provided by the supplier have only low design flexibility, the
corresponding weight must be given priority in the estima-
tion.

The remaining weight will be designed and produced by
the original parts to achieve the initial design weight to en-
sure the performance of the finished product. The design per-
formance is controlled within a smaller error range. We have
added up the weight of the components provided by the sup-
plier, and the estimated driving weight is 70 kg, and the re-
maining distance target is 54 kg, which is a component de-
signed and produced by ourselves. The parameters associ-
ated with the weight of the designed car are listed in Table 3.
According to the condition of the racing track and the regu-
lations of the race, we hoped that the speed could be up to
15kmh~! on the steepest racing track. The expected perfor-
mance is determined according to the conditions shown in
Table 4.
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The following basic parameters are obtained according to our
designed vehicle and the racing track conditions, as shown in
Table 5.

The vehicle dynamics equation could be expressed as fol-
lows:

1
Fie = ma—i—zpCdsz—i—mgSin@ +mgCycos [tan_le] . (D

The torsion equation is deduced from Eq. (1) to calculate the
required motor torque of the designed vehicle, which is ex-
pressed as follows:

1 2 : -
T = ma—i—EpCdAv +mgsm9+mgCncos[tan 0] rw. (2)

The parameters in Table 2 are substituted in Eq. (2) to cal-
culate the required torsion for a flat road start (0° slope) and
an acceleration of 1.39ms™2 in the expected performance
index (air drag not considered; start on 0° slope, so there
is no g). The starting torsion is 7 = 53.93Nm, which the
torsion for maintaining the speed of 15kmh~! on 5° slope
(air drag not considered; acceleration is 0). For a traveling
torsion on 5° slope, 7 =48.6Nm, and the required motor
speed is RPM = 198 rpm, according to 15 kmh™~! of the per-
formance index. The propulsion motor is selected according
to the aforesaid torsion and the corresponding RPM level.



Expected performance.

Performance specifications

Required vehicle specifications

Motor power output requirement

Speed limit 35kmh™!
Acceleration quality 0~35kmh~lin5s
Climbing ability 5° at 15kmh™!

1kW/16 Nm at 430 rpm
1kW/50Nm at 450 rpm
1kW/50Nm at 190 rpm

Basic parameters.

Full vehicle mass m 180.87 kg
Front face area A 0.9 m?
Rolling resistance coefficient Cry  0.02

Wind resistance coefficient Cyq 0.28
Rear wheel rolling radius R 02m
Air density coefficient p 1.184 at25°C

Maximum grade 6 5°

Required parameters of the power system.

Total route length 2km
Climbing slope 6 5°
Elapsed time ¢ 0.2h

Motor efficiency nm 80 %
Average speed v 20kmh~!
Battery efficiency np; 90 %
Battery voltage V 48V

According to the racing track and regulations of this match,
the following parameters are studied, and the minimum limit
of our battery pack specification is calculated by the equation
listed in Table 6.
To obtain the motor power, the relation of the value to the
torsion and speed is as follows:
oT
P=—. 3)
Tm
The calculated minimum motor torque of 53.93 Nm and the
required motor speed of 198 rpm are put into Eq. (3) to obtain
the motor power P =716 W.
In order to obtain the motor discharging current, the rela-
tion of the value to the battery and motor parameters is as
follows:

P

[=———.
V Nbat Tm

“
The battery and motor parameters derived from Table 3 are
substituted into Eq. (4) to obtain the maximum motor dis-
charge current / = 20.72 A. The capacitance is worked out
of the value, and the relation is as follows:

Ah=11t. 5)

R11.16
R206.13
171.00
106.00
110.00
R74.47
Ré.00 240.00

Schematic diagram of the simulated racing track.

The parameters in Table 3 are substituted into Eq. (5) to ob-
tain a capacitance of 4.14 Ah.

If, under full-load conditions, the minimum capacitance
for finishing the full distance in 12 min is 4.14 Ah, then the
actual battery capacity needs to be twice as large to prevent
other running processes from influencing the available elec-
tric quantity for the race.

The racing track condition needed to be considered during
the design. According to a practical survey of the race tracks,
the minimum curve radius is 6.00 m, as shown in Fig. 3.

The front wheel assembly mechanism is simulated by soft-
ware to obtain the maximum turning angle, as shown in
Fig. 4. The inner wheel turning radius of the vehicle is de-
termined by the Ackermann theorem. The maximum turning
angle is 23.62°, and the maximum turning radius is 3.44 m,
as shown in Fig. 5.

The system steering geometry is the main factor consid-
ered in the steering design. According to the vehicle running
speed and racing track condition, the steering design used
positive Ackermann steering to implement low-speed curves,
and the wheel path corresponding to the theoretical turning
radius in the cornering of the vehicle is calculated. As the de-
signed turning radius (Rs = 3.44 m) is smaller than the curve
in the competition area (R; = 6.0m), the vehicle can com-
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Figure 4. Schematic diagram of the front wheel steering assembly.

Figure 5. Schematic diagram of the maximum cornering angle and
minimum turning radius.

plete in passing this curve, as shown in Fig. 6. An exploded
view of the steering system is shown in Fig. 7.

3.3 Front and rear axle load parameter analysis

The center of gravity of the vehicle is defined as the posi-
tion of the center of mass; thus, the individual centroid posi-
tion of each object on the vehicle is determined, and then the
weights on the front and rear axles are worked out respec-
tively, as shown in Fig. 8.

3.3.1 Static state

According to the static load equation (Seward, 2014), the rear
wheel load WR could be expressed as follows:

Im
We = W2 6
R [ (6)

https://doi.org/10.5194/ms-12-345-2021
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1097.40 mm

Figure 6. Schematic diagrams of the Ackermann steering geometry
(positive Ackermann) and the wheel path.

Figure 7. Exploded view of the steering system.

where, W is the full-vehicle weight, /,,, is the wheel base from
the center of gravity position of the vehicle to the front wheel,
and L is the axial length from the rear wheel to front wheel.
The front wheel load Wr could be expressed as follows:

We=W — Wr. )

The distance from the center of gravity to the front and rear
wheel center is worked out, as shown in Fig. 9. The substi-
tution parameter is obtained by Egs. (6) and (7) to obtain the
static load state, in which W = 1774.3347N, [, = 0.83m,
L =1.34m, Wg = 1095.64N, and Wg = 678.68 N.

3.3.2 Acceleration

When the vehicle is in motion, the inertia force Fip generated
by acceleration would change the stress on the parts, and the
rear wheel axle part would bear the maximum load, as shown

Mech. Sci., 12, 345-360, 2021
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Figure 9. Schematic diagram of the front and rear wheel loads
(static).

in Fig. 10. Therefore, the traction force Fra generated by the
acceleration of the vehicle is (Seward, 2014) as follows:

Wr s
1 _ hCL,U's ’

®)

Fra = Fia =

where, 1 is the tire friction coefficient, ¢ is the height of the
center of gravity to the ground, and Fra is the traction force
induced by acceleration. To obtain the maximum load on the
rear wheel axle part during acceleration, the weight transfer
during vehicle acceleration is (Seward, 2014) as follows:

Frah
AW, = T*zc, ©)

where us=1.35 and hc =0.30, Fra =2119.25N, and
AW, =474.10N for the case of the designed frame struc-
ture.

Mech. Sci., 12, 345-360, 2021
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We - AW, Wy + AW,

Figure 10. Schematic diagram of the front and rear wheel loads
(acceleration).

WF + AWb WR - AWb

Figure 11. Schematic diagram of the front and rear wheel loads
(braking).

Figure 12. Schematic diagram of the inner and outer wheel loads
(cornering).

https://doi.org/10.5194/ms-12-345-2021
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Figure 14. Knuckle (application end) and front wheel free body diagram.

3.3.3 Braking

According to the aforementioned concept, when the vehicle
is braking, the front wheel axle part would bear the maxi-
mum load, as shown in Fig. 11. The traction force Frg will be
equal to the inertial force Fig generated at this time. There-
fore, the traction force Frp generated when the vehicle is
braking is (Seward, 2014) as follows:

Frg = Fip = Wps. (10)

To obtain the maximum load on the front wheel axle part
during braking, the weight transfer during braking is ob-
tained (Seward, 2014) as follows:
Frghc

T 1n
Frg =2395.35N and AW, =535.87N after calculation,
and the deceleration during braking a = 13.24ms~?2 is de-
rived from Frg = 2395.35N and m = 180.87kg.

AWy =

Figure 15. Exploded view of the rear wheel assembly.

https://doi.org/10.5194/ms-12-345-2021 Mech. Sci., 12, 345-360, 2021
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Figure 16. Fastener, with the restrained and application ends, respectively.

3.3.4 Cornering

To prevent the vehicle from overturning when cornering, the
object centroid position is analyzed first, and the right and
left distances from the center of gravity to the front wheels
are worked out, as shown in Fig. 12. The maximum corner-
ing force Fr generated during the cornering of the overall
vehicle is established on the rare skid of tires; therefore, the
cornering force Ft. will be equal to the centrifugal force of
the vehicle. The total transverse weight transfer is (Seward,
2014) as follows:

Frch
N (12)
Lp
where Fr. of the vehicle can be expressed as follows:
mv?
Fre = R (13)

In the design, the target working condition is at a speed
of 40kmh~! so that it can pass through the 71.31 m curve
in the track. The parameter Lr = 950 mm and the calculated
Frc. =331.13N are substituted into it, and AW, = 98.88 N
is obtained. It can be seen that, when the vehicle is not sus-
pended, it can cope with the planned working conditions, so
the shock absorber is removed to reduce the weight of the
vehicle.

3.4 Part stress analysis

Finite element analysis is used to combine the calculation re-
sult with the free body diagram for stress analysis. The stress
distribution trend and the position of maximum stress are ob-
served to ensure sure that the received stress would not ex-
ceed the yield strength to induce plastic deformation. SS400
low carbon steel, with the same carbon dosage as the frame
tube, is used to avoid cold cracking during welding. The ma-
terial parameters of the designed car parts are listed in Ta-
ble 7.

Mech. Sci., 12, 345-360, 2021

Table 7. Part material parameters (SS400).

Density 7860 kg m?
Young’s modulus 200 GPa
Poisson equation  0.26

Yield strength 245 MPa
Tensile strength 400 MPa

Figure 17. Schematic diagram of the frame model and finite ele-
ment model.

3.4.1 Front wheel steering knuckle

The caliper locking point received the maximum pull during
braking, and the knuckle pin hole site is given boundary con-
ditions, as shown in Fig. 13. The front wheel assembly free
body diagram and the pressure in the direction of the knuckle
locking point position, shown in Eq. (9), are used for analy-
sis, as shown in Fig. 14.

ri X f=ro X (Wr+ Wp) ius, (14)
where f is the friction of the brake pad to the disc, r; is the
effective radius from the wheel center to the brake pad, (Wg+

Why) s is the friction of the tire to the ground during braking,
and r, is the tire radius.

https://doi.org/10.5194/ms-12-345-2021



Frame material parameters (SPFH590).

Density 7850kg m~3
Young’s modulus 200 GPa
Poisson equation ~ 0.29

Yield strength 420 MPa
Tensile strength 590 MPa

Finite element model parameters of the frame.

Number of elements 48 389
Number of nodes 215725
Mesh form Solid 186

The exploded view of the rear wheel assembly is shown in
Fig. 15. When the vehicle is accelerating, the rear wheel axle
fastener would bear the maximum load; it is joined to the
frame by welding, so the contact with the frame beam is com-
plete contraction, and the effective area of the axle connec-
tion is a given load, as shown in Fig. 16.

Rigidity refers to the resistance to the deformation of an ob-
ject (Barton and Fieldhouse, 2018). This analysis discussed
whether the frame rigidity could be enhanced effectively af-
ter stiffeners are applied (Curti, 1997). Our frame is welded
and free of a suspension design, and the tube is made of
SPFH590 (low carbon steel). The schematic diagram of the
frame model and finite element model is shown in Fig. 17.
The material parameters of SPFH590 and the finite element
model parameters of the frame are, respectively, listed in Ta-
bles 8 and 9. In comparison to medium carbon steel and high
carbon steel, low carbon steel has better elongation and weld-
ability.

The bending rigidity is an index for evaluating the struc-
tural performance of a vehicle body. The three wheels sup-
porting the vehicle body are restrained, and the vehicle load
is applied to the vehicle centroid. The vertical power in-
duced by acceleration and deceleration would increase the
vertical deformation and increase deformation of the chas-
sis (Mahmoodi-Kaleibar et al., 2014). For vehicles with a
longer wheel base, the bending rigidity of the frame requires
closer attention. According to the definition of bending rigid-
ity (Milliken, 1994), load force F is given to the center of
gravity of the frame, and the axle position is restrained dur-
ing simulation, as shown in Figs. 18 and 19, and maximum
displacement D is obtained. The relation could be expressed

erdXYZ%
Fixed:X\Zgﬁ

Fixed: X~ Z Fixed: X - Z
X
\ |
-l i Y

Frame (with/without stiffeners) — restrained end.

Force : 1000N (Z axis

Force : 1000N (Z axis)

Frame (with/without stiffeners) — application end.

Fixed: X -Y-Z

//5‘4

E X-—l
Y
Frame (with/without stiffeners) — restrained end.
as follows:
Kp = F (15)
B = D

Torsional rigidity (Parlaktag et al., 2019; Tanik and Parlakta,
2015) refers to the resistance of the vehicle body structure to
torsional deformation when the vehicle is cornering or run-
ning on a rough road, and it is an important index of road
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surface adaptability (Pourasad et al., 2016). Torsional rigid-
ity is also one of the factors in handling performance of a
vehicle. According to the definition of torsional rigidity (Mil-
liken, 1994), the frame is given torque 7 at the steering col-
umn end, and the rear wheel axle position is restrained, as
shown in Figs. 20 and 21. The frame generated an angle of
torsion 6. The relation of torsional rigidity K7 to torque T
and the angle of torsion 6 could be expressed as follows:

Kr =7 (16)

The modal analysis is based on the finite element method.
The analysis obtained the modal parameters of the system
under the free boundary condition (Mishra and Sahu, 2012),
including the modal frequencies and vibration mode shapes
to know the dynamic characteristics of the system. The fi-
nite element method is used for the theoretical modal analy-
sis of the built frame model, and the modal frequencies and
corresponding vibration mode shapes of the model are ob-
tained. The simple harmonic response analysis obtained the
frequency response function between the simple harmonic
external force input signal and the system output to obtain
the sizes and phases of various measuring points for subse-
quent verification. The process is shown in Fig. 22.

Natural
Frequency
Modal —_
Analysis R
R Mode
"1 Shape
Harmonic Frequency
Response Response
Analysis Function

The vibration mode shape corresponding to each modal fre-
quency could be obtained by modal analysis; the actuation of
the mode is observed, and the measuring points are planned
as the basis of the experimental modal analysis (Orlowitz and
Brandt, 2017).

The experimental modal analysis aimed to identify the dy-
namic characteristics of unknown practical frame structures.
The schematic diagram of the frame structure entity and ex-
periment is shown in Fig. 23. In the experimental process,
appropriate measuring points are spread over the practical
frame structure, as shown in Fig. 24. An accelerometer is af-
fixed to the frame structure, and an impact hammer is used
to knock the actual structure and give it an excitation signal.
The accelerometer obtained a response signal, and the excita-
tion and response signals are processed by fast Fourier trans-
form to obtain the frequency response function. The software
then performed curve fitting to extract the modal parameters
to determine the dynamic characteristics of the frame struc-
ture.

The vertical suspension frame structure is first excited by
an impact hammer, as shown in Fig. 25. The z-axis excitation
is applied by the impact hammer to the application point, as
shown in Fig. 25, and the point of vertical suspension is the
result of finite element analysis. A node is selected as the
suspension point. The suspension method is changed accord-
ing to the result of the suspension method. This method is
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Figure 23. Schematic diagram of the frame structure entity and experiment.

i

Figure 24. Schematic diagram of the 86 measuring points in the
experimental modal analysis.

based on a horizontal suspension frame structure, as shown in
Fig. 26. The x-axis excitation is applied by the impact ham-
mer to the application point, as shown in Fig. 26. In terms of
the selection of the suspension points on the horizontal sus-
pension frame structure, an equilateral triangle is drawn at
the center of gravity, and the three endpoints of the triangle
become the suspension points, as shown in Fig. 27.

3.8 Modal assurance criterion (MAC)

The modal assurance criterion (MAC; Allemang and Brown,
1983) is used to verify the consistency of the mode shapes
®;4 and ®;x obtained, respectively, from finite element
analysis (FEA) and experimental modal analysis (EMA) of
the frame. The definition of the MAC is as follows:

|@iaT @) x*

MAC (@4, P x) = ,
( iA ]X) (I)iATq)iA*q)jXT(I)jX*

an

where T and * denote, respectively, the transpose and com-
plex conjugate of a matrix or vector. When the MAC value

https://doi.org/10.5194/ms-12-345-2021

approached 1.0, the two vectors ®;4 and ®;x represented
approximately the same mode shape. On the contrary, when
the MAC value approached 0.0, the two mode shapes were
orthogonal with each other.

4 Results and discussion

4.1 Axle part stress analysis

As the result of a single analysis would be unreliable, the
precision of the analysis needed to be guaranteed by conver-
gence analysis. The result trend is judged according to the
refined net, and a slope of two consecutive analysis results
closer to zero would indicate the results are closer to conver-
gence.

4.1.1 Front wheel steering knuckle

According to the analysis result, the maximum stress oc-
curred in the upper locking point position, as shown in
Fig. 28. The elements in the position are refined, and the con-
vergence curve is as shown in Fig. 29.

According to the analysis result, the line slope is lower
than 0.1 after the locking point stress 101.33 MPa of the
knuckle during braking. The analysis result showed that the
stress is 101.58 MPa, lower than the 245 MPa yield strength
of the material (Juvinall and Marshek, 2019).

4.1.2 Rear wheel axle fastener

According to the analysis result, the maximum stress oc-
curred at the edge of the joint seat, as shown in Fig. 30. After
the elements are refined, the convergence curve is as shown
in Fig. 31.

The line slope is lower than 0.1 after the stress of
30.060 MPa at the junction of the rear axle part with the axle
during acceleration. The analysis result showed that the stress

Mech. Sci., 12, 345-360, 2021
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Figure 25. Schematic diagram of the vertical and horizontal suspension frame structures.

Impulse (Z)

Figure 27. Schematic diagram of the center of gravity position.

is 29.730 MPa, lower than the 225 MPa yield strength of the
material (Juvinall and Marshek, 2019).

4.2 Rigidity result comparison
4.2.1 Bending rigidity

The analysis result in Fig. 32 shows that the bending rigidity
(Mohseni Kabir et al., 2017) of the frame without stiffeners is
Kp1 =548.78Nmm™', and that the bending rigidity of the
frame with stiffeners is K o = 1007.01 Nmm~™!, indicating
an increase of 83.50 %. When the chassis structure is under

Mech. Sci., 12, 345-360, 2021
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2018/10/10 T4 0831
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Figure 28. Knuckle stress pattern.

a bending load, the displacement should not be larger than
1 mm (Dzerkelis et al., 2012). After deducting the weight of
the hub motor and front wheel, the force at the center of grav-
ity of the full vehicle is 890.53 N, and the force induces a
0.88 mm displacement at the center of gravity of the struc-
ture.

https://doi.org/10.5194/ms-12-345-2021



The verification results of modal assurance criterion (MAC) for the mode shapes obtained from the experimental modal analysis
(EMA) and finite element analysis (FEA) of the frame.

EMA FEA

50.6Hz 60.5Hz §81.8Hz 103.0Hz 153.0Hz 164.0Hz 187.0Hz 256.0Hz 288.0Hz
52.761Hz 0.841 0.000 0.001 0.010 0.000 0.010 0.000 0.093 0.023
60.427 Hz 0.031 0.954 0.000 0.000 0.006 0.007 0.001 0.020 0.000
82.895Hz 0.126 0.000 0.858 0.001 0.000 0.001 0.000 0.091 0.019
105.38 Hz 0.087 0.000 0.022 0.979 0.000 0.000 0.000 0.091 0.008
153.72Hz 0.002 0.001 0.003 0.000 0.659 0.030 0.030 0.000 0.000
160.51 Hz 0.031 0.000 0.001 0.010 0.000 0.968 0.000 0.002 0.074
187.21Hz 0.002 0.000 0.150 0.000 0.009 0.051 0.830 0.000 0.000
247.65Hz 0.007 0.000 0.001 0.011 0.000 0.008 0.000 0.952 0.181
287.41Hz 0.048 0.000 0.079 0.010 0.000 0.132 0.000 0.372 0.853
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The analysis result in Fig. 33 shows that the torsional rigidity
(Mohseni Kabir et al., 2017) of the frame without stiffeners is
K71 =270.27Nm°"!, and that the torsional rigidity of the
frame with stiffeners is K7 = 344.82Nm°*1, indicating an
increase of about 27.59 % after reinforcement.

To guarantee the equivalence of the finite element model of
the frame, the results of the finite element analysis and the
experimental modal analysis of the frame are compared (Li
and Feng, 2020). Figure 34 shows that there are six peaks,
while Fig. 35 shows three peaks. The peaks had correspond-
ing modal frequencies and vibration mode shapes, as shown
in Table 10. There is a slight difference in the vibration mode
shapes, according to a visual inspection, and according to the
result comparison, the frequency errors of different modes in
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Figure 32. Bending rigidity analysis of the frame (with/without stiffeners).
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Figure 33. Torsional rigidity of the frame (with/without stiffeners).
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Figure 34. Frequency response function graph (z axis).
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Figure 35. Frequency response function graph (y axis).
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Figure 36. Typical plot of the modal assurance criterion (MAC)
for the mode shapes obtained from the experimental modal analysis
(EMA) and finite element analysis (FEA) of the frame.

the finite element analysis and experimental modal analysis
are less than &5 %.

4.4 MAC

According to Table 10 and Fig. 36, the corresponding modes
have higher index values and are generally symmetric. As
the fifth mode had a bending mode and bouncing mode at
the same time, the mode comparison required more mode
information, and the index value of the mode is relatively
low.

https://doi.org/10.5194/ms-12-345-2021
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5 Conclusions

In this vehicle design, in order to obtain excellent perfor-
mance, the model validity is verified by the finite element
method and experimental modal analysis. The conclusions
are as follows:

1. For the designed frame of this vehicle, the geometric di-
mension of the minimum turning radius needed to meet
the racing track condition is designed by steering geom-
etry analysis, and the average front and rear wheel loads
of the vehicle during braking are derived from the front
and rear axle loading conditions.

2. As the front and rear axle part analysis results did not
exceed the yield stress of the selected material, SS400,
the parts did not suffer from plastic deformation during
braking or acceleration.

3. According to the rigidity analysis, the bending rigidity
and torsional rigidity are noticeably enhanced after the
stiffeners are installed.

4. According to the definition of the frequency response
function, in terms of the system resonance conditions,
the system frequency needed to be consistent, and
the vibration mode shapes and experimental excitation
needed to be in the same phase. Therefore, the concept
is imported into the frame design to confirm the consis-
tency of the analytic mode and experimental mode.

Code availability. All the code used in this paper can be obtained
upon request to the corresponding author.
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